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 CO2 gas cycles applied to nuclear
power stations using real plant data.
 Supercritical, regenerative,
recompression reheated SRRR-CO2
cycle used for analysis.
 CO2 net cycle efficiency 34.04% versus
33.51% H2O net cycle efficiency.
 Balance of plant mass 40% reduced
with CO2 (as compared with H2O).
 Balance of plant footprint 10 times
reduced with CO2 (as compared with
H2O).g r a p h i c a l a b s t r a c t
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In this study, closed CO2 cycles are investigated for potential application in existing nuclear power sta-
tions, referring in particular to Mochovce power station currently under construction in Slovak
Republic. Three different CO2 cycles layouts are explored in the range of temperatures offered by the
nuclear source and of the existing cooling towers. The investigation shows that the common opinion that
S-CO2 cycles are well suited in the medium to a high temperature range only (higher than about 450 C)
seems unjustified. For a primary heat source with a maximum temperature of 299 C and a heat sink with
a minimum temperature of 19 C and reasonable assumptions about advanced turbomachines and heat
exchanger performances, the supercritical recompressed reheated regenerative CO2 cycle would yield a
net efficiency of 34.04%, which compares well with the 33.51% net efficiency of the existing Rankine cycle.
The estimated length of the complete turboset (2 turbines, 1 pump and 1 compressor) would be less than
11 m (versus two wet steam turbines of 22 m each for the same power), resulting in a factor of 10 reduc-
tion in the footprint of the balance of plant.
The total CO2 cycle equipment and main pipelines would have a combined weight of 3957 tons, while
in the Mochovce 3 NPP existing Rankine cycle, the main components and connecting piping weigh nearly
7377 tons, thus a 40% reduction.
Nomenclature
Acronyms
AGR Adavnced Gas Reactor
FWH Feed Water Heater
FWL Feed Water Line
GT-MHR Gas Turbine-Modular Helium Reactor
HP High Pressure
HTR High Temperature Regenerator
HX Heat Exchanger
IST Integrated System Test
KAERI Korea Atomic Energy Research Institute
KAIST Korea Advanced Institute of Science
KAPL Knolls Atomic Power Laboratory
LP Low Pressure
LTR Low Temperature Regenerator
MAGNOX MAGnesium Oxide Reactor
MSFR Molten Salts Fast Reactor
MSR Molten Salts Reactor
NIST National Institute of Standard and Technology
NPP Nuclear Power Plant
PBMR Pebble Bed Modular helium Reactor
PWR Pressurized Water Reactor
S-CO2 Supercritical-CO2 cycle
SFR Sodium Fast Reactor
SL Steam Line
SMR Small Modula Reactor
SR-CO2 Supercritical Regenerated Recompressed –CO2 cycle
SRR-CO2 Supercritical Regenerated Recompressed-CO2 cycle
SRRR-CO2 Supercritical Regenerated Recompressed Reheated-
CO2 cycle
USC Ultra Super Critic
VVER Vodo-Vodyanoi Energetichesky Reaktor
Symbols
U = Vax/u Turbine Flow Coefficient
ai Component Fractional Pressure Drop (ai ¼ pinpoutpin )
pi Component Fractional Pressure Ratio (pi ¼ pinpout ¼
1
1ai)
A area [m2]
Cp specific heat at constant pressure [kJ/kg K]
NTU number of thermal units
P pressure [bar]
Q thermal power [kW]
S entropy [kJ/kg K]
T temperature [K]
U heat exchanger global heat transfer coefficient [kW/
m2 K]
u turbine blade tangential velocity [m/s]
Vax fluid axial velocity [m/s]
C massic Flow rate [kg/s]
g efficiency (cycle, pump, turbine . . .)
 effectiveness
Suffixes
AP approach point
C cold
C compressor
el electric
H hot
M mechanical
max maximum
min minimum
ml medium logaritmic
P pump
PP pinch point
T turbine
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efficiency and would yield significant savings on installation costs and construction times from the much
more compact balance of plant.
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The process of heat to electricity conversion is typically per-
formed in the so called thermodynamic cycles, where heat exchang-
ers and rotating machines force a selected working fluid to
periodically change its volume, as a consequence of the continuous
transfer of thermal power between a heat source and a cold sink.
Open cycles, in particular, utilize a working medium taken from
and rejected to the environment and are typically adopted when
the highest degree of simplicity and compactness is required. In
these cycles heat is introduced through a combustion process in
which the working fluid is mixed with a fuel and transformed into
hot combustion products before entering into the prime mover.
Typical examples of commercial open cycles are internal combus-
tion reciprocating engines, widely adopted in the automotive and
naval industry, and small stationary power units and gas turbines
widely employed for airplane propulsion, peak demand power sta-
tions and combined cycle technology.
In closed cycles, on the other hand, the transfer of primary heat
to the working fluid and of waste heat to the cold sink is achieved
with heat exchangers, thus introducing additional components
which yield technological challenges that are not encountered in
open cycles. This is counterbalanced by the possibility to freelychoose the nature of the working fluid and the base pressure of
the cycle, both parameters being directly influencing the choice
and sizing of turbomachines and heat exchanging devices [1].
Closed supercritical gas cycles have been extensively investi-
gated during the last decades as a potential candidate for replacing
the existing Rankine cycle in the power conversion market, and
preliminary feasibility studies date back to 1942 [2,3].
While preliminary studies concentrated on air and helium as
working fluids [4–8], the first work on CO2 cycles is normally
attributed to Sulzer [9] who applied for a patent in 1948 proposing
a closed gas turbine employing carbon dioxide as working
medium.
Dekhtiarev [10] studied several trans-critical condensing
reheated CO2 cycles for fossil fuel power plants, highlighting the
excellent performances of the CO2 gas cycle compared to the Rank-
ine one with specific emphasis on efficiency, reduced dimensions
of turbomachines and arrangement simplicity.
Successively Angelino [11–14] extensively reviewed the subject
and proposed the recompression solution that renders the CO2
cycle a direct competitor of Rankine cycle.
Feher [15,16] concentrated his investigations on the supercriti-
cal region of CO2 targeting in particular earth and space electric
power generation and marine propulsion.
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supercritical CO2 cycles to Generation IV nuclear reactors.
Today CO2 cycles are studied as a very promising candidate for
efficiently converting thermal to mechanical power [19] in a wide
range of industrial applications that include pressurized water
nuclear power reactors [20,21], fast reactors [22], fusion reactors
[23,24], solar tower power plants [25–27], fuel cells [28], liquid
natural gas vaporizers [29], fossil fueled power plants [30,31]
and low-grade heat recuperating devices [32,33].
From the point of view of practical realizations, the Sandia
National Laboratories (US) are currently performing experimental
investigations, with the main aim to develop a fully operational
550 C, 10 MWe R&D Demonstration S-CO2 Brayton Power Conver-
sion System. The Sandia facility will allow the systematic identifi-
cation and retirement of technical risks and testing of components
for the commercial application of this technology. Tests on single
components are actually underway, especially for the advanced
heat exchanger that is one of the most critical components of the
cycle [34].
The Knolls Atomic Power Laboratory (KAPL) and Bettis Atomic
Power Laboratory (US) are testing a supercritical carbon dioxide
(S-CO2) Brayton power cycle system. The 100 kWe Integrated Sys-
tem Test (IST) is a two shaft recuperated closed Brayton cycle with
a variable speed turbine driven compressor and a constant speed
turbine driven generator using S-CO2 as the working fluid. The
main aim of this work is to demonstrate operational, control and
performance characteristics of an S-CO2 Brayton power cycle over
a wide range of conditions [35].
The Institute of applied Energy in Japan (IAE) constructed a
small scale S-CO2 cycle test facility to investigate the small size tur-
bomachinery and assess cycle performance. Preliminary results of
IAE tests on an inflow radial finger-top turbine, showed the impor-
tance to work around the critical point for cycle thermal efficiency
[36].
The Korea Advanced Institute of Science and Technology
(KAIST) constructed a low pressure ratio compressor test loop,
SCO2 Pressurizing Experiment, to demonstrate the S-CO2 compres-
sors performance [19].
The Korean Atomic Energy Research Institute (KAERI) con-
structed a S-CO2 Integral Experiment Loop with the major aim to
test an advanced design axial trust free CO2 turbomachines.
A Megawatt-class commercial scale supercritical CO2 heat
engine, the EPS100, is currently concluding its test campaign in
Ohio (US) with very promising results [37]. The power conversion
device designed and manufactured by Echogen Power Systems LLC
is intended to render available to the market a system aimed
specifically for moderate temperatures waste heat and exhaust
heat recovery applications.
In the present work, 3 different CO2 cycle arrangements specif-
ically designed for low temperature heat source applications have
been extensively analyzed in terms of first and second law efficien-
cies for potential implementation into the Mochovce nuclear
power station currently under construction in the Slovak Republic.
As will be shown, the supercritical regenerative recompression and
reheated cycle (SRRR-CO2) would be characterized by a net effi-
ciency of 34.04% which compares well with the 33.51% net effi-
ciency of the existing Rankine cycle. Significantly, the adoption of
CO2 would yield a one order of magnitude reduction in footprint
of the balance of plant and a 40% reduction in the masses of the
main components and piping, with significant savings on installa-
tion costs and time. Referring to a specific unit (the Mochovce
nuclear power station) allows corroborating the analysis with real
plant data, which are very scarce in the open literature at the
moment. The results presented here are however of more general
applicability, and can be considered indicative for Generation 3and 4 nuclear power stations, including in particular small
modular units currently under development for industrialized
countries and emerging economies. These results show that the
adoption of CO2 in nuclear power stations would not penalize
the plant efficiency and would yield significant savings on
installation time and costs from the much more compact balance
of plant.
2. Closed gas cycles employing CO2 as a working medium
The Rankine cycle continues to dominate the worldwide power
conversion scene, due to its excellent thermodynamic perfor-
mances in the medium range of temperatures and to the availabil-
ity, cheapness and good transport properties of the water.
Nevertheless, the Rankine Cycle is significantly limited by the
following major drawbacks caused by the waters intimate nature:
 Turbines monumentality: the significant enthalpy isentropic
drop (1500 kJ/kg for an expansion starting from 530 C and
170 bar) across the machine impose the necessity to employ a
huge number of stages (>20), being the maximum enthalpy
drop per stage superiorly limited by constraints related to
blades’ mechanical strength and stage efficiency. This fact,
together with the adoption of several low pressure turbine
multi-flows bodies, brings huge axial dimensions in the turbine
(the EPR’s turbo-alternator length is 72 m including bearings
and turning gear). Furthermore, the very low saturation pres-
sure, typical of ordinary condensation temperatures (i.e.
0.05 bar @33 C) causes huge volumetric flow rates in the last
stage of the turbine: for the EPR the low pressure turbine dis-
charge volumetric flow rate is nearly 50.000 m3/s, i.e. nearly
1/3 of the average annual Amazon River discharge flow rate.
This fact brings huge radial dimensions in turbine’s last stage
and the need to split the flows of the machine in several
multi-flows bodies that contribute significantly to its lengths,
weight and cost. Nuclear wet steam turbine specific weights
higher than 2 kg/kW are typical for units of 1000 MW class
[38], meaning that an over 2000 ton class turbine is normal in
a nuclear installation.
 Cycle complexity: due to the non-isothermal heat exchange in
the water liquid zone, there is a significant temperature differ-
ence between the heat source and the working fluid which
introduces irreversibility’s, i.e. it departure from the ideal that
potentially cause efficiency drops with respect to the Carnot
cycle. In order to overcome this drawback and keep the effi-
ciency at acceptable levels (typically 70–75% of Carnot effi-
ciency) a significant number of feed-water heaters (6–10
depending on the size of the plant and on the cost of the fuel)
with associated valves, pumps and piping are typically needed,
thus introducing big complexities in the cycle arrangements
[39]. Furthermore, very costly and sophisticated water treat-
ment systems are typically employed in order to reduce water
aggressiveness against the steam generator’s exchanging
surfaces.
 Steam generator pinch point problematic: heat introduction
during water evaporation causes pinch point constraints in
the steam generator that do not allow an optimal utilization
of heat source thermodynamic potential and reduced evapora-
tion pressures.
 Efficiency limits due to Andrews curve shape: advanced
Rankine cycles (USC units) efficiencies ‘‘stop” rising with tem-
perature in the medium-high range of temperatures due to
the huge amount of heat that must be introduced around the
waters critical point (waters specific heat at constant pressure
significantly rises around the critical point). This effect
Table 1
Assumptions used for CO2 cycles calculations.
Cycle minimum temperature, TC [C] 24
Cycle maximum temperature, TH [C] 294
Turbine (s) isoentropic efficiency, gT 0.93
Pump (compressor) isoentropic efficiency, gP 0.9
Recompressing compressor isoentropic efficiency, gC 0.89
Heat exchanger approach point temperature difference, DTAP 5
Single component fractional pressure drops, ai ¼ DPiPi 0.01
Electrical generator efficiency, gel 0.988
Turboset mechanical efficiency, gM 0.995
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keeping Rankine’s ‘‘thermal baricentre” around the waters crit-
ical temperature. Added to this the negative slope of the satura-
tion inferior limit curve causes the inevitable formation of
liquid droplets during the expansion in the prime mover. This
effect, particularly severe in nuclear steam turbines, reduces
the expansion isentropic efficiency and introduces further com-
plications and huge components into the cycle (e.g. Moisture
Separator Re-heaters) in order to limit expansion efficiency
decay and not to have unacceptable blade erosion rates [38].
The possibility to employ CO2 as a working medium in closed
gas cycles was considered in the past with the main scope to over-
come the above listed drawbacks of water while keeping similar or
superior efficiencies in the same temperature range of Rankine
cycle.
CO2 is cheap, abundant and non-toxic, it is also thermally stable
against its constituents splitting (2CO2M 2C + 2O2) up to more
than 1000 C [40], less aggressive than steam with stainless steels
[41] and hardly damaging the heat exchangers’ surfaces [42]. The
long term operation of 26 Magnox reactors and 14 AGR reactors
in the UK, cooled with CO2 at maximum temperatures of 650 C
have shown that this fluid can be easily handled with existing
technologies without major problems. CO2 is chemically less reac-
tive with liquid sodium than water and this desired characteristic
renders it an excellent candidate for the power conversion unit of
Sodium Fast Reactors (SFR) thanks to the possibility to eliminate
the intermediate expensive cooling circuit [43].
Furthermore, CO2 critical temperature, i.e. 31.1 C, being close
to room temperature allows us to consider gas cycles taking full
advantage of the low compression works that a high density fluid
exhibits around the critical point (see Appendix B). In addition to
that, if some sophistications in cycle arrangement (such as recom-
pression and reheating) are introduced, it is possible to obtain heat
conversion efficiencies comparable with Rankine cycle in the low-
medium range of top temperatures and significantly higher for the
highest technically reachable ones. CO2 versus water main thermo-
dynamics advantages with specific focus on the increased cycle
temperature drop are detailed in Appendix A of the paper.
2.1. Basic hypothesis for CO2 cycles calculations
Unless specified elsewhere in this paper, the following assump-
tions for components performances and cycle conditions will be
introduced (see Table 1):
The cycles minimum temperature is compatible with rivers and
seas in non-equatorial or tropical regions of the world, while in
case of the adoption of wet cooling towers the chosen temperature
can be reasonably imagined if a highly performing bottoming heat
exchanger (HEATRIC type) will be employed. The Cycles maximum
temperatures are compatible with a nuclear source based on a
pressurized water reactor of the VVER 440 type. The turbine isen-
tropic efficiency is a reasonable one for a gas unit without staged
cooling and with an advanced up-to date design [44]. The pump
(first compressor) efficiency is representative of the state of the
art hydraulic pumps of a large capacity, available in the hydroelec-
tric industry [45]. The recompressing compressor isentropic effi-
ciency is a conservative one, being the final solution for a
hundred megawatt-class plant an easily designed high performing
axial compressor with relatively low compression ratios (between
2 and 3). The electrical generator efficiency and turboset mechan-
ical efficiency are the ones coming from Mochovce 3 NPP design.
The heat exchangers approach point temperature differences,
DTAP , is a challenging value but considered as achievable with cur-
rently existing printed circuit heat exchanger technology. It is
worth remembering that printed circuit heat exchangers withminimum temperature differences of 1 C and an effectiveness of
99% have already been produced and operated [46]. Single com-
ponents fractional pressure drops of 1–2% are typical design values
adopted in open literature for evaluating real gas cycles
performances.
All calculations are performed using NIST database [47] whose
CO2 thermodynamic and main transport properties are taken from
the work of Span and Wagner [48] with declared uncertainties
below 1.5% for pressures up to 30 MPa.
2.2. Carbon dioxide reference cycles
In the following subchapters 3 different power conversion
cycles employing CO2 as working medium will be analyzed. The
cycles under investigation are the Supercritical Regenerative CO2
(SR-CO2), the Supercritical Regenerative Recompressed CO2 (SRR-
CO2) invented by Angelino [12] and the Supercritical Regenerative
Recompressed and Reheated CO2 (SRRR-CO2). The latter, thanks to
its superior performances, will be selected for comparison with the
Rankine cycle. In this paper, following the same consuetude pur-
sued for steam cycles, the CO2 cycle will always be considered as
a supercritical cycle, being that the maximum pressure is always
above the critical one. Some authors prefer to distinguish between
trans-critical and supercritical cycles if respectively the minimum
pressure is subcritical or supercritical, but this convention will
not be followed in the present paper.
2.2.1. Carbon Dioxide Supercritical Regenerative Cycle (SR-CO2)
The simplest layout and the corresponding CO2 evolution in the
Gibbs diagram, is shown in Fig. 1, here CO2 enters the compressor/
pump at number 1 (bottom left of the diagram) with the cycle at
the lowest temperature and pressure, it is then compressed at
number 2 of the diagram and starts exchanging heat with the recu-
perator taking energy from the hot stream leaving the turbine. It is
worth underlining that the fluid being in this supercritical condi-
tion behaves at a mid-state between a liquid and a gas. For this rea-
son the turbomachine elaborating such a fluid generally speaking,
is not a pump nor is it a compressor, thus it will be indifferently
called compressor or pump.
CO2 leaves the recuperator in number 3 of the diagram and
enters reactor’s heat exchanger till it reaches the maximum tem-
perature of the cycle in number 4. After expansion in the turbine,
CO2 enters the recuperator in number 5 and leaves it in number
6 after having preheated the high pressure stream leaving the
compressor. From numbers 6 to 1 CO2 releases its remaining
heat into the environment before coming back to the original
conditions in 1.
2.2.2. Carbon Dioxide Supercritical Regenerative Recompression Cycle
(SRR-CO2)
One major drawback and source of irreversibility of the simple
cycle is represented by the unbalance between the heat capacity
rates of recuperators two streams (CCP). In fact CO2 exhibits
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Andrew curve. In particular, the pressurized stream leaving the
pump in number 2 of the diagram at more than 200 bar has higher
specific heat at constant pressure with respect to the one leaving
the turbine (at around 70 bar). This unbalance creates an unavoid-
able temperature difference between hot and cold streams that is
source of irreversibility’s even if the recuperator surface is imag-
ined of infinite extension. In order to overcome the present diffi-
culty Angelino [12] proposed a smart solution devoted to
partially equalize the heat capacity rates of the two streams (see
Fig. 2).
In Angelino’s cycle, in the following Fig. 2 referenced as SRR-
CO2, the regeneration process is basically divided into two steps.
Pressurized carbon dioxide is heated in the reactor’s heat exchan-
ger (from number 4 to 5 of the diagram) and then expands in the
power turbine (numbers 5–6). The hot stream is regenerated firstly
in a high temperature regenerator, HTR (numbers 6–7), and in a
second low temperature regenerator, LTR (numbers 7–8). After
leaving the LTR a portion of the flowrate (a) is compressed in order
to reach the conditions of the HTR cold stream inlet and the
remaining portion (1-a) is precooled until the minimum cycle tem-
perature is reached. The precooled fraction is determined in order
to obtain the perfect balance of LTR streams heat capacity rates.
The precooled stream fraction pressure (numbers 1–2) is raised
in a first compressor (C1, also called the main compressor or
pump) before entering the cold side of the LTR (numbers 2–3).
After LTR the fluid is mixed with the portion compressed in the
recompressing compressor (C2) and the total flowrate entering
the cold side of the HTR (numbers 3–4) after which it is heated
again in the reactor (numbers 4–5) for a new cycle. It is worth
underlining that the high temperature regenerator (HTR) heat
capacity rates will not be completely balanced, nevertheless the
unbalance is small due to the nearly perfect behavior of carbon
dioxide at higher temperatures.
2.2.3. Carbon Dioxide Supercritical Regenerative Recompression
Reheated Cycle (SRRR-CO2)
In order to further enhance the CO2 cycle efficiency, the reheat-
ing after a first expansion in a high pressure turbine can be intro-
duced as normal practice in supercritical steam cycles.
In the Supercritical Recuperated Recompressed and Reheated
Carbon Dioxide cycle (SRRR-CO2, Fig. 3) the expansion phase is
subdivided into two steps. Firstly, a high pressure turbine partially
expands the fluid (numbers 5–6), then a reheating stage is added
(numbers 6–7) in the primary/secondary heat exchanger. The main
advantage of this solution is the higher mean temperature of heatREACTOR
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reheat, resulting in a higher conversion efficiency. Furthermore,
the double shaft solution of the SRRR-CO2 cycle could be employed
with the high pressure turbine that drives the two compressors
and the low pressure turbine mechanically attached to the electri-
cal generator only. Significant advantages are offered by the oppor-
tunity of properly selecting the best suited shaft angular speed of
the compressing group (in terms of maximum blades efficiency
and minimum cost), leaving to the high pressure turbine the con-
straint of the synchronous rotation. Nevertheless, some concerns
about units controllability could rise in the double shafts decou-
pled solution, being that the power turbine is more prone to
over-speed in case of load rejection (less rotational inertia of the
generating part) [6]. In any case, in this work, all machines will
be rigidly coupled to the same shaft.
The choice of the repartition of the expansion ratio between the
two turbines is performed in this work using the criteria of the
maximization of cycle useful work. It can be shown that on this
basis and assuming equal isentropic efficiencies and ideal behavior
of CO2 (reasonable at high temperatures) both turbines must have
the same expansion ratio expressed by the following formula:
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If we consider b as being the compression ratio (p2/p1) andQN
i¼1pi the product of all the cycle’s fractional pressure ratios,
including the one of the line between high pressure and low
pressure turbines. Eq. (1) allows us to easily maximize the cycle’s
useful work. Nevertheless, it can be shown that the optimum
pressure ratio that maximizes the efficiency is typically very close
to the previous one.
The main disadvantage of the reheated solution is represented
by the need to resend into the reactor building the low
pressure/high temperature CO2 exhausted from the first turbine.
The huge volumetric flow rates of the partially expanded gas
would impose the need to install a large diameter pipeline in order
to limit the pressure drops. A possible alternative to overcome this
difficulty could be to use a portion of the high temperature CO2
entering the first turbine to heat the stream leaving the same tur-
bine (similar to the superheating process adopted in Rankine cycle
MSR). Unfortunately, this solution would introduce further
irreversibility’s due to the internal heat exchanges under finite
temperature differences and will no longer be explored in this
work.1
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The performance of the cycles with CO2 is strictly linked to the
boundary conditions of the working fluid, both in terms of temper-
ature and pressures. The need to work in the neighborhood of the
saturation curve causes sharp changes in cycle’s performance due
to the rapidly varying thermodynamic conditions of CO2 around
the critical point.
The maximum temperature having been fixed in order to cope
with the PWR thermal source, all other parameters have been var-
ied with the aim to explore their impact on the cycles efficiency
and dimensions of the main components. In this section, the
parameters effects on the cycle thermodynamic efficiency, losses
and heat exchangers (Reactor HX, Regenerator HX and Pre-cooler
HX) dimensions, is investigated. Primary circuit conditions are
the same as that of Mochovce 3 NPP as well as the thermal power
entering into the conversion unit, i.e. 1537 MWth. Cold sink is rep-
resented by a stream of water at 19 C coming from the cooling
towers with the same flowrate available as in Mochovce. The cool-
ing water outlet temperature and thermal profile inside the pre-
cooler are calculated on the basis of the thermal exchange.
Heat exchanger volumes have been selected as a critical param-
eter being that S-CO2 cycle driving costs are fundamentally propor-
tional to them and being the heat exchangers dimensions are very
sensitive to cycle thermodynamic conditions. In this work heat
exchangers are only characterized by their volume without any
attempt to define the real geometry (length to flow area ratio),
the latter being strictly linked to the maximum allowable frac-
tional pressure drops inside each exchanging device (that are fixed
in all the following calculations).
Heat exchanger sizing is performed by applying the -NTU
method in the hypothesis of a perfectly counter-flow heat exchan-
ger characterized by the following assumptions:Heat exchangers geometry is for a printed circuit device with a
channel diameter of 2 mm, a channel pitch of 2.4 mm and a plate
thickness of 1.5 mm [49].
Having defined the minimum temperature drop in the exchan-
ger, DTmin, the sizing is a straightforward application of the -NTU
approach. The two streams are characterized by a different heat
capacity rate (C ¼ Ccp) that allows to compute the effectiveness
of the exchanger in the following way:
 ¼
_Q
CminDTmax
ð2Þ
Being Cmin is the minimum between the two streams’ heat
capacity rates (Cmin ¼ minfChot;Ccoldg) and DTmax the maximum
temperature drop in the exchanger (THin  TCin).
The number of thermal units (NTU) of the counter-flow exchan-
ger is a function of Cmin and  and is computed analytically in liter-
ature [50]:
NTU ¼ 1Cmin
Cmax
 1 ln
 1
 CminCmax  1
" #
ð3Þ
It is possible to demonstrate that the overall conductance of the
exchanger is equal to:
UA ¼ NTU  Cmin ð4Þ
Eq. (4) allows to compute the heat transfer area and the
requested volume comes out thanks to the assumptions listed in
Table 2. For high temperature heat exchanger sizing (Reactor)
Eqs. (2)–(4) can be applied globally with the absence of any pinch
point problem along the streams (CO2 behaves ‘‘nearly” as a perfect
gas due to high temperatures). The same cannot be applied to the
recuperator and pre-cooler due to the important variations of CO2
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investigated. The recuperator and the pre-cooler have been divided
in several nodes and Eqs. (2)–(4) are applied for each one of the
nodes. In the pre-cooler, for the lowest cycle minimum pressures
investigated, being the minimum cycle temperature subcritical,
condensation takes place and the pinch point problem significantly
influences the heat exchanger dimensions. For minimum pressures
below the values expressed by points A in Fig. 4 the temperature of
the CO2 leaving the turbine reaches that of the stream coming out
from the compressor, rendering regeneration physically impossi-
ble. For that reason calculation is stopped after that point.
The same reasoning applies in the regenerator where, for the
highest cycle minimum pressures, the significant real behavior of
the fluid creates a thermal profile that induces a pinch point along
the exchanger. For the cycle minimum pressures calculations
above 88 bar have been stopped because the DTPP in the regenera-
tor reaches 0 C rendering any thermal exchange physically
impossible.
Efficiency for the simple regenerative cycle rises significantly
with minimum pressure at a fixed maximum one for base pres-
sures below the saturation point at the condensation temperature.
In fact, below the saturation pressure the cycle behaves similarly to
a Brayton regenerated cycle with ‘‘ideal” fluid and the increase of
minimum pressure reduces irreversibility’s being that the com-
pression ratio still below the optimal one (for second law of ther-
modynamics analysis see Appendix B).
For minimal pressures above the saturation point, the cycle
shape changes from the previous picture, to the one of a cycle with
compression in the liquid phase and the efficiency trend is not
monotonic. Second law analysis helps the understanding of the
shapes of the mentioned curves. Fig. 4 shows that in the region
of low minimum pressures the major contributors to cycle ineffi-
ciencies are the introduction and rejection of heat to/from the
cycle. In particular heat rejection contribution to irreversibility’s
reduces its importance by raising the minimum pressure (at con-
stant maximum one), being the regenerated heat a rising function
of cycle minimum pressure. Regenerator losses increase with min-
imum pressure increase for the same reason, while pumping/com-
pression losses decrease with increasing minimum pressure being
reduced the compression work with the decrease compression
ratio. For pressure above the saturation one at 24 C, there is a
sharp increase in both irreversibility’s due to heat introduction
and regeneration due to the increased importance of those thermal
exchanges in the cycle with compression in the liquid phase. Now
that the heat introduction irreversibility decreases with an
increase of minimum pressure due to the increased importance
of regenerated heat, but heat rejection and regeneration irre-
versibility’s follow the opposite trend. The balance between those
3 contributors is the cause of the non-monotonic behavior of effi-
ciency above the saturation pressure reported in Fig. 4. The pump
contribution to irreversibility’s is nearly constant for minimum
pressures above the saturation point, being that the density of a
liquid only slightly influenced by its pressure level.
As explained, the regenerator size continuously increases with a
minimum pressure increase; regenerator volume as a function ofTable 2
Assumptions for HEATRIC type heat exchangers sizing [49].
Parameter/exchanger streams typology SCO2-SCO2
Material SS316L
U [kW/m2 K] 1
A/V [m2/m3] 850
qmetal ½kg=m3 7900
HX void fraction (HX Volume/Metal Volume) 56.4%
M/V [kg/m3] 4456
Cost [$/kg] 30minimum pressure is represented with the purple line for the cycle
with maximum pressure of 250 bar in Fig. 4.
Fig. 4 shows that the efficiency of the SR-CO2 cycle cannot be
reasonably ameliorated above 28% acting on minimum to maxi-
mum pressures. This fact alone disqualifies the simple SR-CO2
cycle as a potential competitor of the Rankine cycle because the
major efficiency drop (6–7% points) would not counterbalance
the potential layout simplifications offered by substituting water
with CO2.
Fig. 5 shows the maximum pressure and minimum tempera-
tures impacts on cycle efficiency and regenerator total volume.
Fig. 5 analysis shows the central role of cycle minimum temper-
ature on the thermodynamic conversion efficiency. The sharp
decrease of the efficiency around 31 C is due to the rapidly varying
properties of CO2 around the critical point. In particular, the rapidly
increasing specific volume and compressibility of CO2 for a temper-
ature higher than the critical one induces an undesired increase in
the compression works that are the main cause of the depicted effi-
ciency degradation. It is interesting to observe that for temperatures
lower than the critical one, the rising of the maximal pressure ame-
liorate cycle efficiency whilst the contrary happens for tempera-
tures higher than Tcr. For minimum temperatures below the
critical one, the pump works near the Andrews lower limit curve
and cycle is positively affected by an increase in themaximumpres-
sure, being the ‘Carnotization’ effect prevailing on the (low) increase
in pumpingworkwith pressure. On the contrary, forminimum tem-
peratures above the critical one, the pumpbehavesmore like a com-
pressor on the right side of the Andrews upper limit curve and the
cycle is negatively affected by an increase in maximum pressure,
being the (high) increase in compressing works prevailing on the
‘Carnotization’ effect induced by an increase in Pmax.
The strict link and sensitivity of conversion efficiency to cycle
minimum temperature suggests that a practical application of S-
CO2 cycles for a big power plant will certainly necessitate an active
control of the cold sink cooling water flowrate during winter to
summer temperature excursions and also at plant partial loads.
This complication, being new with respect to conventional Rankine
cycle power plant, is nevertheless totally manageable through
inverter technology applied to the circulating pumps with negligi-
ble increases in capital costs and no impacts on plant reliability.
SRR-CO2 cycle performance with varying minimum and maxi-
mum pressures are explored in Fig. 6.
Once more the cycle maximum efficiency is in correspondence
of the saturation pressure at the minimum temperature (fully con-
densing cycle). Below the saturation pressure cycle shape in the
compressing region resembles more to that of an ideal gas cycle
with typically high irreversibility’s in the compression and heat
rejection zones. Furthermore, in the lower pressure zone cycle, effi-
ciency is monotonically decreasing with an increase in the maxi-
mum pressure. For pressures above the condensing pressure
cycle efficiency slightly decreases with increasing minimum pres-
sure, but it is not monotonically increasing with maximum pres-
sure. An optimal efficiency for maximal pressures around 200 bar
is evident from Fig. 6. The Low Temperature Regenerator (LTR) vol-
ume significantly increases by increasing the minimum pressureH2O-SCO2-reactor H2 O-SCO2-precooler
SS316L Titanium
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L. Santini et al. / Applied Energy 181 (2016) 446–463 453due to the enhanced real gas effects caused by minimum pressure
and the dominating impact of a pinch point problem in the
regenerator.
The SRR-CO2 cycle maximal efficiency is below 32.4%, i.e. 2%
less than the Rankine between the same maximum and minimum
source temperatures. This fact alone disqualifies the SRR-CO2 cycle
as a potential competitor of the steam cycle for this particular
application.
The performance of the recompressed solution (SRRR-CO2) with
varying minimum temperature is shown in Fig. 7. The gain with
respect to the non-recompressed cycle is of around 2.5% rendering
this configuration competitive with steam cycle in terms of effi-
ciency. In order to avoid any pinch point problem, the calculations
in Fig. 7 have all been performed with an approach point minimum
temperature difference of 10 C in the LTR.0,00
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for the cycle with Pmax = 150 bar.Second law analysis shows the major effect of heat rejection
and pump/compressor contribution to irreversibility for tempera-
tures higher than the critical one.
The LTR volume increases significantly for the lowest tempera-
tures due to the continuous reduction of any pinch point in the
regenerator at fixed approach point minimal temperature.
Thanks to the high performances obtained by the SRRR-CO2
cycle, it has been selected for a deep comparison with the
Mochovce 3 steam cycle. A SRRR-CO2 condensing cycle between
24 and 294 C with minimum pressure equal to CO2 saturation
pressure at 24 C, i.e. 63 bar, has been selected as a reference. In
Fig. 8 and Table 3 the SRRR-CO2main cycle parameters are defined.
The sizing of the main equipment and an evaluation of the savings
with respect to steam cycle in terms of masses and layout will be
discussed in the following paragraphs.0,200
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Table 3
Selected SRRR-CO2 cycle main parameters.
Parameter Value
Primary circuit Tin/Tout 299/267.9
Cycle absorbed power [MW] 1537.14
HP turbine inlet temperature [C] 294
HP turbine inlet pressure [bar] 260
LP turbine inlet temperature [C] 294
LP turbine inlet pressure [bar] 127.3
Cycle minimum pressure [bar] 63
CO2 massic flowrates in HP turbine inlet [kg/s] 7999.5
CO2 massic flowrates in LP turbine inlet [kg/s] 7999.5
CO2 volumetric flowrate at LP turbine outlet [m3/s] 111.3
HP turbine power [MW] 469.10
LP turbine power [MW] 481.65
Pumps/compressor power [MW] 133.65/284.79
Regenerated power [MW] 1570.31
Condenser/precooler power [MW] 1004.83
Cycle brute efficiency [%] 34.63%
Cycle net efficiency [%] 34.04%
Second law brute efficiency [%] 70.76%
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In this section a simple procedure already presented by one of
the authors [51] for turbine sizing is conducted with the scope of
obtaining first guess dimensions of the machine. The following
hypothesis are assumed:
 A 3000 rev/min machine is selected in order to cope with 2 pole
generator (European grid).
 A maximum speed at blades base (u) of 200 m/s is assumed for
limiting centrifugal stresses.
 In order to simplify the geometry, the turbine cylinders inner
diameter (in correspondence to blades base) is assumed
constant.
 Due to the blades typically small radial dimensions, the one
dimensional (Eulerian) theory is assumed.
 For stages efficiency reasons the Mach number (both in the
absolute and relative frames of reference) will not exceed unity.
 A constant axial fluid velocity (Vax) is assumed along the whole
turbine and the flow coefficient (U = Vax/u) is assumed equal to
0.5.
 The ratio between the blades mean height and blades mean
axial length is set equal to 1.5 (assumption necessary for tur-
bine length estimation) [52].
 The ratio between the free flow area and the geometric area
enclosed between blade tip and hub is 0.95 (assumption neces-
sary for blades height calculations).
 For stadium losses reasons that the minimum allowable ratio
between blade height and blade mean diameter (h/Dm) must
not be below 1/20.
With the previous reasonable and simplifying assumptions, the
turbine sizing is a straightforward problem. The number of stadia
is imposed in order to respect all the mentioned constraints. No
attempt was made to quantify turbine losses and isentropic effi-
ciency; nevertheless the assumption of 0.93 has to be considered
an achievable target with present day technology. The number of
blades of every stadium was not calculated being that this param-
eter is mainly determined after a complete structural analysis; this
is out of the scope of this work. The turbine rotor blades are mainly
subject to three forces; radial forces (due to the centrifugal field),
bending forces in the axial direction (due to the axial differential
pressure across the rotoric stadium) and bending forces in the tan-
gential direction (due to fluid useful momentum transfer). High
pressures supercritical carbon dioxide turbines are characterized
by peculiarities that distinguish them from typical atmospheric
gas turbines or condensing steam turbines.
Qualitatively, the following considerations are of interest for
this particular application; being sound speed in carbon dioxide
low (if compared with helium) the blades peripheral speed are typ-0
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Rically constrained by Mach number constrains, resulting in small
centrifugal forces. Nevertheless, the high fluid density (caused by
the necessarily high level of cycle pressurization) induce huge
blades bending moments that impose a solution with few (around
10) huge moment of inertia and aspect ratio blades for one typical
stage of a carbon dioxide turbine.
The power per unit volume, based on turbine mean external
diameter is higher than conventional PWR core power densities,
i.e. 100 MW/m3, thus underlining the very high power density of
this particular application. The possibility to investigate the double0,2
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L. Santini et al. / Applied Energy 181 (2016) 446–463 455flux solution that gives the opportunity of compensating the axial
reaction has not been pursued because would have caused too
small blades heights in the high pressure section.
Maximum Mach numbers are generally less than one, thus
guaranteeing a high performance in terms of efficiency. The degree
of reaction, having fixed the enthalpy extracted along the radial
direction, increases from the blade base to blade tip. The maximum
blade velocity (277.1 m/s) is at the blade tip for the last stage of the
LP turbine; an analysis of the physical possibility of allowing this
velocity can come after having performed a detailed structural
analysis of the turbine.
The turbine length obtained with the above procedure is natu-
rally referring purely to the impeller part of the machine. The real
length and dimensions of the whole turbo-set must take into
account the contribution of all clearances, casings, bearings, flanges
between shafts and this can be easily computed applying similar
proportions with respect to already designed turbines. In Fig. 9
and Table 4 are the collected the results of the turbo-set sizing.
No attempt was made for a precise determination of pump and
compressor dimensions and weights; also their estimation for the
purpose of this work comes from similarly designed machines
found in open literature [6]. Nevertheless, it is worth highlighting
that together with the regenerators, the design of the trans/super-
critical compressor is certainly one of the most challenging issues
due to the rapidly varying transport and thermodynamic proper-
ties of CO2 during the compression process [53].
The Heat Exchanger sizing has been performed following the
criteria contained in Section 2.2.4 and the results are shown in
Table 5.
The Heat Exchangers optimized dimensions (aspect ratio) have
not been determined in this paper and will be part of a future
paper taking into account pressure drops constraints. In the follow-
ing parts on layout comparison with steam cycle, all heat exchang-
ers will be treated as a cube with the volume coming out from the
previously described sizing calculations.3. Mochovce 3 NPP case study and SRRR-CO2 cycle application
3.1. Thermodynamic comparison between Mochovce 3 steam cycle
and SRRR-CO2
Mochovce 3 NPP steam cycle gross and net efficiencies are
respectively g ¼ 34:4% and gNetcycle ¼ 33:51% (for Mochovce 3 steam
cycle description see Appendix C). The cycle gross efficiency is
computed neglecting mechanical and generator electrical losses,
while all pumping works internal to the cycle are taken into
account. Carnot cycle efficiency between Tmax = 299 C and
Tmin = 19 C is gC ¼ 48:94% and the difference between gC and
cycle gross efficiency ðgC  gÞ is represented by the sum of the irre-
versibilities expressed by Eq. (B.1) in Appendix B. In Fig. 10 the
Rankine cycle relative contributors DgiP
Dgi
 100
 
to the conversion
inefficiency are summarized.
The very high global gross efficiency, i.e. 70.6% of Carnot, is a
consequence of the high degree of sophistication of the feed water
line. Nevertheless, there are three main components that con-
tribute to the biggest portion of cycle irreversibility’s namely; the
steam generator, the turbines and the condenser. These 3 compo-
nents together, create 84% of cycle departure from the ideal and
this is mainly due to the significant temperature drops (in the SG
and the condenser) between working fluid and source/sink and
the very low isentropic efficiency of turbines bodies. The remaining
minor inefficiency contributors are MSR, FWL, SL and the pumps.
Their total contribution is only 16% with a dominating role of the
irreversibility’s in the preheating process and equal minor contri-butions of the pressure drops in the steam line and the thermal
exchange in the Moisture Separator Re-heater.
Table 6 are summarizes the isentropic efficiencies of the 3 tur-
bine bodies of Mochovce 3 NPP.
The turbines isentropic efficiencies in steam turbines are mainly
penalized by 2 major factors [28]; the huge expansion ratio
between the HP inlet and the LP outlet (1000) and in the case
of nuclear steam turbines, the presence of a large amount of liquid
water during the expansion. The first factor is a natural conse-
quence of water properties and the very low saturation pressures
at condensing temperatures. The big expansion ratios allows sig-
nificant blades heights variations and splitting into several low
pressures bodies. This fact constrains the designer to somehow
optimize the blades profiles for a compromise between turbine
inlet and outlet conditions and this is the cause of the typical peak
of blade efficiency in the middle part of a turbine body and of the
low average efficiency. Table 6 shows some interesting features of
the steam turbines isentropic efficiency. In the first part of the HP
turbine, the efficiency is very low due to the adoption of the first
controlling full action type stage that, despite its capability to elab-
orate a high enthalpy drop, is scarcely performing from a fluidody-
namic/energetic point of view. The central part of the HP turbine is
characterized by the highest efficiency because as said, the whole
HP body is optimized around the central part. For the LP bodies
the first part is characterized by the highest isentropic efficiency
mainly because the blades are working with superheated steam
coming from the MSR. On the contrary, the last stages efficiencies
are typically lower due to the important effects of moisture on the
conversion efficiency.
As a result the wet turbines’ body efficiency between 83–88%
are typical for machines employed in NPPs.
Both above mentioned causes of irreversibility’s are totally
absent in a turbine working with CO2; expansion with carbon diox-
ide is always performed in the superheated region and the opti-
mum expansion ratio (typically between 2 and 3) allows us to
design a staged machine (around 5) with an optimization that
brings high isentropic efficiencies for all the stages (90–93%)
and the absence of need of any blades roots cooling stream is
due to the very low temperatures. This fact, together with the
intrinsic capability of a CO2 cycle to reach higher temperature
drops between primary water and heat sink, are the main
causes of its thermodynamic superiority with respect to steam
cycles.
The SRRR-CO2 irreversibility’s are depicted in Fig. 11. As for the
Rankine cycle now the heat introduction accounts for nearly 1/3 of
all the irreversibility’s, but the remaining ones are distributed in a
different manner. In particular, the turbines irreversibility’s are
significantly reduced to a 19.1% (VS 36% for the steam cycle) thanks
to the high isentropic efficiency of the expanders. The heat
rejection phase is slightly less irreversible than in the Rankine
cycle (now 16.3% VS 20%) while pump and compressor contribute
to the global irreversibility in more pronounced way, due to the
higher compression works of CO2 compared to liquid water.
3.2. Comparison between Mochovce 3 steam cycle and SRRR-CO2 cycle
equipment
The SRRR-CO2 cycle is basically composed by 4 turbomachines
and 5 heat exchangers, while the steam cycle arrangement is com-
plicated by the multiple turbines bodies, the huge number of feed-
water heaters, steam generators, condensers, moisture separators
re-heaters, water treatment plant, multiple connecting piping
and so on. Table 7 collects the results of the comparison between
the two cycles.
The most critical component of the SRRR-CO2 cycle is the LTR,
due to the huge amount of heat to be transferred and the
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Fig. 9. Schematic of SRRR-CO2 turboset with main geometrical parameters.
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between Tmax = 299 C and Tmin = 19 C.
Table 4
SRRR-CO2 selected cycle HP and LP Turbines main parameters.
Parameter HP turbine LP turbine
Turbine stages number 5 5
Turbine rotor diameter (DROT) [m] 1.273 1.273
Turbine rotor lenght (LROT) [m] 0.63 1.19
Turbine inlet external diameter (DTI) [m] 1.435 1.578
Turbine outlet external diameter (DTO) [m] 1.530 1.764
Turbine inlet blades height (HBI) [m] 0.0808 0.1526
Turbine outlet blades height (HBO) [m] 0.1285 0.2456
Turbine maximum mach number 0.77 0.87
Turbine maximum reaction degree 0.891 0.916
Turboset estimated total length [m] 10.8
Turboset estimated Weight [tons] 56.25
Table 5
SRRR-CO2 selected cycle HX main parameters.
Reactor HX HTR LTR Precooler Total
Number 2 1 1 1 5
Exchanged
power [MW]
1537.14 266.16 1304.15 1004.83 NA
DTml 28.26/25.83 8.4 7 NA NA
Volume [m3] 62.45 36.79 203.95 152.44 455.63
Mass [tons] 278.3 267.4 1482.3 621.3 2649.3
456 L. Santini et al. / Applied Energy 181 (2016) 446–463significant mass (1750 tons) necessary to achieve high
efficiencies with a small average temperature drop. It is evident
that a correctly designed exchanger will not be of cubical shape,
but will be composed of several modules disposed in parallel with
a significant aspect ratio (ratio between the frontal area and the
width in the direction of the fluid) in order to keep pressure drops
under acceptable values. The modular structure together with the
headers for collecting the streams and the connecting piping will
result in a slightly larger area occupied, nevertheless all these sec-
ond order aspects are neglected in the present investigation.
Another critical part of the CO2 cycle is represented by the con-
necting piping between the Reactor heat exchangers and the tur-
bine hall. The huge CO2 massic flowrate caused by the very small
enthalpy drops across the turbines necessitate the introduction
of several parallel pipelines between reactor heat exchangers and
the turbines inlet, in order to keep under acceptable values the
pressure drops without exceeding in pipes diameters. The last cir-
cumstance is particularly severe considering the maximum pres-
sures of the cycle necessary to achieve acceptable efficiencies
(>250 bar). In the present investigation the estimated connecting
piping from/to the reactor heat exchangers and to/from the turbine
hall are 6 DN700 parallel lines for the super-heater and 10 DN600
for the re -heater part, with a total estimated mass of nearly
1100 tons. It is clear that a newly designed reactor would require
particular attention in defining a layout with the S-CO2 power con-
version unit as close to the reactor as possible in order to limit con-
necting piping quantities and cycle pressure drops. Fig. 12 shows a
comparison between the Mochovce 3 steam cycle main equipment
and SRRR-CO2 cycles equipment coming from Section 2.2.5 sizing
results.
The comparison between steam and CO2 cycle shows the major
advantages in term of components compactness. For the same
power output the turboset length passes from a double 22 m units
to a single 10.8 m machine. The global layout taking into account
also the heat exchanging equipments shows a reduction of the tur-
bine hall length of nearly 75% (from 96 m to 25 m). Footprint and
volumes reductions are even more important as detailed in the
following.
In the segmental diagrams of Figs. 13 and 14 the relative distri-
bution of masses and volumes for the two cycles under comparison
is depicted.
The quantities taken into account for steam cycle masses com-
putations are the main equipment and all the connecting piping
(between steam generators and turbine hall and between all
equipment). All the small equipment and connecting piping in
Table 7
Comparison between Mochovce 3 steam and SRRR-CO2 cycles’ main equipments.
Mochovce 3 Rankine SRRR-CO2
Heat exchangers
Heat introduction (Reactor)
Number of HX 6 (Steam generators) 2
Total exchanged power [MW] 1537 1537
HX total mass [tons] 1110 (185  6) 278.3
HX total volume [m3] 642.5 (107.1  6) 62.4
Heat exchanged internally to cycle
(Regenerators, MSR and DEA)
Number of HX 10 (7 FWHs + 1 DEA
+ 2MSR) X2
2
Total exchanged power [MW] 540.6 1570.3
HX total mass [tons] 978.7 1749.7
HX total volume [m3] 1076.36 240.7
Heat rejection (Condenser/Precooler)
Number of HX 4 1
Total exchanged power [MW] 1008.2 1004.8
HX total mass [tons] 976.6 621.3
HX total volume [m3] 1300 152.4
Main turbomachines
Turbines
Number of turbines bodies 6 2
Total turbines length [m] 44 5.5
Brute generated power [MW] 538 950.7
Turbines total mass [tons] 1329 36.5
Turbines total volume [m3] 788 31.8
Pumps/Compressors
Number of compressors/pumps 5 (feedwater pumps
only)
2
Absorbed power [MW] 9.6 418.4
Pumps/compressors total mass [tons] 77.6 19.8
Connecting piping and miscellaneous
Piping from/to reactor building to/from
turbine hall
DN [mm] 250/300/350/450/
500
700/600
Total length [m] 2091 960
Total piping Mass [tons] 330.2 1101.4
Miscellaneous piping
Total piping mass [tons] 2575.0 150
Total installed mass [tons] 7377.1 3956.9
Reactor
33,7
Turbines 
19,1
HTR
5,0
LTR 
11,4
Compressor
9,0
Pump
5,5
Precooler
16,3
Second Law Analysis of Mochovce SRRR-CO2 Cycle
η=34,63%
Fig. 11. Second law of thermodynamics analysis of Mochovce 3 SRRR-CO2 cycle.
Each sector shows the component fractional contribution to irreversibility’s with
respect to Carnot cycle DgiP
Dgi
 100
 
between Tmax = 299 C and Tmin = 19 C.
Table 6
Mochovce 3 wet steam turbines isentropic efficiencies and outlet steam quality.
Turbine body HP Turbine body LP Turbine 1st body LP Turbine 2nd body
Section between bleedings isentropic efficiency 0.775 0.871 0.846 0.884 0.828 0.827 0.897 0.876
Body average isentropic efficiency 0.831 0.846 0.887
Steam quality leaving turbine 0.871 0.904 0.900
L. Santini et al. / Applied Energy 181 (2016) 446–463 457the turbine hall shared in common with the steam cycle of the
adjacent reactor (e.g. Rankine cycle water treatment station) have
not been included in the total mass calculation. Nevertheless, it is
worth highlighting that their contribution to the total Rankine
cycle mass is of the order of some hundreds tons.
The global comparison shows that the CO2 cycle would allow a
saving of around 3400 tons over the Rankine cycle and slightly
more if the Rankine cycles neglected masses would be finally taken
into account. Concerning the distribution of the masses, Fig. 14
shows that for the steam cycle there is a balanced sharing of
masses between steam generators, heat exchangers internal to
the cycle (including MSR and DEA) and condensers (nearly
13–15% each), turbines account for 19% of the total, while the
major contributor to the total mass is represented by the connect-
ing piping with 40% of the total.
The masses distribution of the SRRR-CO2 cycle show a huge
dominance of the regenerators with nearly 44% of the cycle masse,
followed by connecting piping (32% of the total) and pre-cooler
with nearly 16% of the total mass. The Reactor heat exchanger
has a small impact (7% only) thanks to the significant temperature
drop between the two streams. Turbomachine masses are negligi-
ble for the SRRR-CO2 cycle (around 1%).
Moving onto the volumes distribution, the overwhelming supe-
riority of CO2 cycle becomes evident. The Steam cycle equipment
occupies a volume 8 times bigger than the one covered by the
CO2 equipment. This fact, mainly attributable to the compactness
of carbon dioxide turbomachines and heat exchangers, would
allow us to install a 500 MW turbine hall occupying an area 10
times smaller, with huge savings in terms of civil works and equip-
ment assembling times. Using the assumptions about printed cir-
cuit heat exchangers contained in Table 2, it is easy to
demonstrate that the investigated carbon dioxide cycle would have
a cost of all the exchangers of around 135 MLN $ that, with a speci-
fic plant cost of 3500 $/kW, would represent ‘‘only” 7% of the total
plant installation cost.
4. Summary and conclusions
In this paper, a non-conventional application of the supercritical
carbon dioxide power cycle for the conversion of nuclear heat in a
PWR has been explored. The case study adopted for the investiga-
tion is represented by Mochovce 3&4 NPP which is currently under
construction in the Slovak Republic (indicative of small and emerg-
ing economies). Despite the very low exergetic content of the heat
source, i.e. primary water, the excellent conversion efficiency, the
huge savings of the CO2 cycle in terms of masses and especially
occupied surfaces have been extensively highlighted in the present
work.
As an outcome of this investigation the following main conclu-
sions can be highlighted:
 Efficiency: three possible cycle layout employing CO2 as work-
ing medium has been investigated in the paper. In passing from
regenerated (SR-CO2) to regenerated recompressed cycle (SRR-
CO2) the thermodynamic efficiency has a 19.6% increase, while
moving from regenerated recompressed to regenerated recom-
pressed reheated cycle (SRRR-CO2) there is a further efficiency
C T2T1
10,8 m
P
3,2 m
3,3 m
5,9 m5,3 m
Reactor HX
LTRPrecooler
HTR
~25 m
Mochovce NPP SRRR-CO2
Mochovce NPP Rankine Cycle
Fig. 12. Comparison between Mochovce 3 NPP Steam cycle main components and SRRR-CO2 cycle layouts (HP = High pressure Turbine, LP = Low Pressure Turbine,
MSR = Moisture Separator Reheater, FWH = Feed Water Heater, FW = Feed Water, HTR = High Temperature Regenerator, LTR = Low Temperature Regenerator, HX = Heat
Exchanger).
Heat Introducon, 
1110 tons,
15%
Heat Internal to 
cycle, 979 tons,
13%
Heat Rejecon, 
977 tons,
13%Turbomachines, 
1407 tons,
19%
Piping, 2905 tons,
40%
Weights distribuon of Mochovce Rankine Cycle
Mtot= 7377,1 Mtot= 3956,9tons
Heat 
Introducon, 
278 tons
7%
Heat Internal to cycle, 
1750 tons
44%
Heat Rejecon, 
621 tons
16%Turbomachines, 
56 tons
1%
Piping, 1251 tons
32%
Weights distribuon of Mochovce SRRR-CO2 Cycle
tons
Fig. 13. Weights distribution for Mochovce NPP Rankine and SRRR-CO2 cycles.
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Heat Introducon
17%
Heat Internal to 
Cycle
28%Heat Rejecon
34%
Turbines
21%
Volumes distribuon of Mochovce Rankine Cycle
Vtot=3806,9 m3
Heat Introducon
13%
Heat Internal to 
Cycle
49%
Heat Rejecon
31%
Turbines
7%
Volumes distribuon of Mochovce SRRR-CO2 Cycle
Vtot=487,4 m3
Fig. 14. Volumes distribution for Mochovce NPP Rankine and SRRR-CO2 cycles’ equipments.
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regenerated recompressed reheated CO2 cycle is very similar
to the one obtainable with the classic steam saturated cycle,
respectively 34.04% versus 33.51%. For cooling waters colder
than the presently assumed 19 C the advantage in adopting
CO2 would be even more pronounced showing the suitability
of carbon dioxide technology especially in the coldest regions
of the earth.
 Turbomachines: for the same net power output the S-CO2
turboset resulted in 10.8 m of length compared to the double
turboset 22 m each installed in the Rankine cycle. Turbine mass
goes from 1329 tons to 36.5 tons passing from Rankine to S-CO2
cycle. Turbine major mass reduction in passing from water to
CO2 technology represents a significant advantage in term of
power conversion unit procurement time, being typically steam
turbines forgings on the critical path of turbine hall components
procurement activities.
 General layout and construction times: The total quantity of
stainless steel necessary with CO2 technology resulted around
3400 tons lower than the one needed with water technology,
while the volume occupied by the CO2 equipment is 8 times
lower. The huge reductions allow to guarantee non negligible
savings for turbine hall civil works and global construction
times as well. It is a well known fact from industrial practice
that turbine hall erection duration is mainly driven by connect-
ing piping welding works. The demonstrated layout simplicity
achievable with CO2 technology (less components to be con-
nected and lower amount of piping) allows to predict major
savings in turbine hall erection duration. CO2 cycle’s huge heat
exchangers will be developed with modular arrangement, thus
guaranteeing minor impacts on installation time.
 The huge sensitivity of the S-CO2 cycle efficiency to minimum
temperature and pressure will necessitate non negligible efforts
in defining a proper strategy for designing condenser cooling
water circulation process, especially for off design conditions.
 The constraint to limit the pressure drops between turbines and
reactor heat exchangers will bring the need to study a specific
layout design in order to limit the number and weight of paral-
lel CO2 pipelines.
The well known fact that the advantage of adopting carbon
dioxide closed cycles, becomes more and more pronounced the
higher the temperature of the heat source, does not have to dis-
courage any research in the low temperatures field, like PWR tech-
nology. We believe that the numerous efforts underway today all
around the world for developing and bringing the S-CO2 cycle to
the industrial maturity will lead to major results and a potential
revolution in the power generation market during the following
decades.Appendix A
A.1. Peculiarity of the heat exchanging process between CO2 and
external heat source/sink
In Fig. A.1 below, a comparison of the exchanging process
between PWR primary water and thermodynamics cycles media
is depicted. The data is taken from the Mochovce 3 NPP, the S-
CO2 cycle is a recompressing split regenerative cycle optimized
for having maximum efficiency between extreme temperatures.
It is evident from that there is an advantage of employing a gas
as a working medium instead of evaporating water; the pinch-
point problem is absent, with CO2 it is possible to reach far higher
cycle temperatures at a fixed primary source temperature. In the
example shown, with the same primary source temperature drop,
the CO2 gas cycle would be capable of reaching a maximum tem-
perature 30 C higher than in the case of the Rankine cycle with
obvious advantages in terms of conversion efficiency, a similar rea-
soning applies to the process of heat rejection in the cold sink
(‘‘condenser”) of the cycle. Nevertheless, the approach is slightly
complicated by the highly varying thermodynamic properties of
CO2 close to the critical point, thus rendering the analysis very sen-
sitive to the hypothesis on the cooling source adopted and on the
cycle minimum pressure. In Fig. A.2 a comparison between Rank-
ine and a supercritical carbon dioxide cycle heat rejection process
is reported.
Also, in the case of the heat rejection process the slight advan-
tage of employing CO2 as medium is evident. The cycle minimum
temperature can be reduce of nearly 10 C with respect to Rankine
cycle for the specific example under investigation.
In conclusion, for the same heat source and heat sink the super-
critical CO2 cycle allows a maximum to minimum temperature
drop of 269 C instead of 225.4 C characteristic of the saturated
Rankine cycle. It is worth underlining the extreme importance of
cycle’s extreme temperature on the conversion efficiency and par-
ticularly its sensitiveness to the lower one. For the Carnot cycle it is
possible to express the rate of efficiency change for a variation in
maximum and minimum temperatures respectively:
@gC
@TH
¼ TC
T2H
ðA:1Þ
@gC
@TC
¼  1
TH
ðA:2Þ
Thus the absolute value of the ratio between the two changes
becomes:
@gC
@TC
@gC
@TH

 ¼ THTC ðA:3Þ
Fig. A.1. Comparison of the exchanging process between PWR primary water and Mochovce Rankine versus S-CO2.
Fig. A.2. Heat rejection: comparison between Rankine and a supercritical carbon dioxide cycle.
460 L. Santini et al. / Applied Energy 181 (2016) 446–463Relation (A.3) shows that the Carnot cycle sensitivity to extreme
temperature variations is more important for cold sink tempera-
ture variation than for hot source ones. The difference increases
as long as the total temperature drop of the cycle ðTH  TCÞ
increases. The simple depicted reasoning applies to all real cycles
being always possible to identify two equivalent high and low
sources temperature that allow us to write cycle efficiency with
the same structure of Carnot’s formula.
All the above considerations allow us to discredit a frequently
reported opinion in open literature; it is often stated that carbon
dioxide closed cycles could be positively employed as a potential
candidate for replacing the Rankine cycle only if the maximum
available temperature is above 450 C. The sentence does not,
according to the authors fully consider the unavoidable integration
of a specific cycle to the actual surrounding environment. In fact a
true comparison must be performed taking into consideration the
nature of the heat source and of the cold sink. The example shown
above on the PWR source has in fact shown that the application of
the CO2 cycle to the same thermal power source would allow the
increase of the cycle total temperature drop of 43.6 C.
Appendix B
B.1. Second law of thermodynamics analysis
The Second Law of thermodynamics is a very powerful tool that
allows us to perform a deep analysis of power conversion cyclesirreversibility’s through their departures from the Carnot’s cycle.
The Second Law or Exergetic analysis is extensively performed in
the study of carbon dioxide cycles and is an essential step in the
correct and complete evaluation of all thermodynamic cycles
[54–56].
Irreversibility’s in thermodynamic cycles are basically originat-
ing from 3 causes: heat exchanges under finite temperature drops,
turbomachines irreversibility’s and pressure drops in the circuits.
Making abstraction from fluidodynamic irreversibility’s in turbo-
machines and conduits it is possible to highlight cycles major char-
acteristics by considering the heat exchange process alone. In
Fig. B.1 it is reported a comparison of 3 indicated cycles (i.e. cycles
with turbomachines and pipes ideal behavior) showing evidence of
the zones where the major irreversibility’s take places (green
stars). The first is the ideal regenerated Brayton cycle, i.e. a cycle
schematizing gas turbines conversion process composed by 2 iso-
bars and two isentropics. The second is the Rankine cycle employ-
ing water as working medium and schematizing steam power
plant process. The last cycle is conceptually identical to the ideal
Brayton cycle, but it employs a gas, CO2, with strong real behavior.
The Rankine cycle shows a reversible behavior In the phase of
heat rejection (condenser), while the heat introduction is the main
cause of departure from the Carnot cycle. The Brayton cycle, with
the gas far away from the saturation curve shows significant irre-
versibility’s both in the heat rejection and introduction phases.
The last cycle employing CO2 as a working medium shows, like
the Rankine cycle, some irreversibility in the heat introduction
Fig. B.1. Comparison between Brayton, Rankine and S-CO2 indicated cycles in terms of irreversibility’s. Green stars highlight zones where departure from ideality takes place.
(For interpretation of the references to colour in this figure legend, the reader is referred to the web version of this article.)
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L. Santini et al. / Applied Energy 181 (2016) 446–463 461phase and small irreversibility’s in the heat rejection phase. The
three examples help to show the advantages of cycles employing
CO2 thanks to its capacity to jointly combine the Rankine and Bray-
ton’s cycles strengths respectively at low and high temperatures;
these are low compression works, low average temperature drops
during heat rejection to environment and high average tempera-
ture of heat introduction into the cycle.
Imagining a hypothetical heat source at a constant temperature
corresponding to the maximum available temperature (TH) and
designating with TC the minimum temperature of the environment
cooling stream, it can be easily demonstrated that the efficiency of
the underlying conversion process can be expressed by the follow-
ing simple equation [57]:
g ¼ gC 
X
Dgi ðB:1Þ
where gC ¼ 1 TC=TH is the Carnot efficiency between TH and TC
and:
Dgi ¼ TC
D _Si
_Qin
ðB:2Þ
Is the irreversibility in the cycle caused by the D _Sith entropy pro-
duction while _Qin is the thermal power entering into the cycle.
The sum being extended to all the n sources of entropy that charac-
terize the overall conversion process, namely all heat and mass
exchange processes, pressure drops in ducts and fluidodynamic dis-
sipations in all involved turbomachines.
Appendix C
C.1. Mochovce 3 NPP steam cycle
Mochovce NPP is a double twin unit equipped with 4 VVER-
440/213 Russian type six loops PWR designed by OKB Gydropress.
Two full speed (3000 rev/min) condensing turbines with a rated
capacity of 265 MWe are each fed by one reactor [58]. Each Reactor
is cooled by six horizontal type shell and tube steam generators
producing saturated steam at 47.4 bar. Primary water enters the
reactor core at 267.86 C and exits at an average temperature of
299 C and is kept subcooled at 123.6 bar.
Mochovce 3 NPP’s steam cycle is a saturated Rankine cycle
employing 8 stages of feed water heaters, including the deaerator.
In order to improve the efficiency, the designers introduced a fur-
ther stage of heat recuperation in the alternator stator with a
cooler that utilizes hot hydrogen for condensate line preheating.
The condensate line is also equipped with a gland steam condenser
that recovers the enthalpy of the leaking steam contained in lowpressure turbines’ bodies glands. Each turbine is a tandem com-
pound composed by a double flow high pressure body and two
low pressure double flows bodies.
Two double reheating stage vertical type Moisture Separator
Re-heaters (MSR) are allocated between the two turbines. The
MSR re-heaters are fed by two HP turbine’s bleedings (numbers
VII and VIII) and produce superheated steam for the low pressure
turbine, the drained moisture is collected in the deaerator.
Heat sink is a multi-pass condenser with titanium bundle fed by
one wet cooling tower per turbine. The cooling towers nominal
outlet temperature is 19 C. Each LP turbine body is equipped with
its own condenser and each condenser is connected successively
(in series) with the cooling water from the tower. As a result there
are different condensing pressures for each of the two low pressure
turbines’ bodies. But the average end pressure is lower than if the
two condensers were connected in parallel. This results in a greater
turbine output with the same steam flow amount and cooling
water inlet temperature. The concept was introduced for the first
time by Westinghouse in the nineteen seventies and can bring to
efficiency gains of the order of 0.5%, especially with warm cooling
waters and when the turbines operates under partial loads [59].
The very sophisticated cycle was designed to convert into useful
work the maximum possible amount of energy from the low grade
enthalpy steam leaving VVER440 boilers.
Temperature Entropy diagram for Mochovce 3 steam cycle is
depicted in Fig. C.1.
The choice to employ two turbines per each reactor was pur-
sued by the Russians in order to use full speed conventional power
plants-like machines (3000 rev/min) and to have a power plant
capable of very efficient energy production at partial loads. At
Fig. C.2. Mochovce 3 steam turbine (1 out of 2) including 2 MSR (vertical cylinders on the right), 2 condenser bodies (bottom part) and electrical generator (left cylinder).
462 L. Santini et al. / Applied Energy 181 (2016) 446–46350% of reactor power, in fact, 1 VVER-440 turbine can be fully
unloaded and kept in hot rotating reserve while the other still
works at 100% of power with significant gain in efficiency with
respect to a single turbine unloaded to 50% of its nominal capacity.
This characteristic is particularly desired for small grids fed by few
nuclear power units such as in Slovakia and is of general interest
for small/emerging economies. Unfortunately, the double turbine
solution is pretty expensive in terms of materials and occupied
space. The result is a twin turbo-set with nearly 100 m in length,
including main components with a single turbine of nearly 22 m
(Fig. C.2).References
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